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ABSTRACT

In the Science Museum of Virginia in Richmond, VA, a hybrid
desiccant dehumidifier-vapor compression heat pump system was
installed in addition to the conventional HVAC equipment. Instead of
removing moisture in the air by means of lTow temperature condensing
coils, the air is blown through a conditioner chamber. A cold LiCl-
water solution absorbs some of the water vapor. The diluted salt
solution is heated by a 1low temperature heat source. In a
regenerator chamber, water is desorbed from the solution by return
air which is then exhausted.

The conditioner and regenerator are basically two phase contact
devices with simultaneous heat and mass transfer. A model based on
equilibrium considerations and effectiveness coefficients was
devioped. A second model employing a finite step integration along
the chamber was used to estimate variations of the effectiveness
coefficients with varying inlet states.

A simulation model of the HVAC system installed at the Science
Museum of Virginia was developed. This model includes the complete
liquid desiccant cycle and important components of the conventional
HVAC system.

Parametric studies were performed to identify the sensitivity of
the overall performance to changes in equipment parameters. The
results of steady state simulations were analyzed and the hourly cost

of operation were estimated for different regeneration heat sources.
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CHAPTER 1 OPEN CYCLE ABSORPTION SYSTEMS

1.1 Introduction

Closed cycle absorption heat pumps have Tong been known as
useful tools for converting thermal energy from one temperature level
to another. They are reliable machines with a large number of
applications. Among these are the upgrading of waste heat and the
use of heat to generate a heat sink below ambient temperature.
Bjurstroem and Raldow [1] present a survey of the history and the
various applications of absorption heat pumps.

Generally, absorption heat pumps are designed as closed systems,
j.e., both the absorbant and the refrigerant remain in the system
permanently. In the early sixties, a team of Russian researchers
proposed the application of open absorption cycles for solar cooling
[26]. In this system, the condenser is omitted and the refrigerant
is released from the desorber to the environment. Naturally, only
water can be used as the refrigerant in such a system. Moreover, the
other components of the absorbent mixture have to have a very small
vapor pressure at operating conditions or else they would evaporate
and be carried out of the system. Aqueous solutions of the salts
LiC1, LiBr and CaCl, are well suited for this purpose.

Since refrigerant is continuously lost from the system, it has
to be replaced by make-up water. This water evaporates in a vessel

which combines the function of evaporator and absorber. The content



of the vessel is maintained at a low pressure by the salt solution,
which absorbs the water vapor. The evaporating water acts as a heat
sink at the saturation temperature corresponding to the vessel
pressure. The heat needed for vaporization is transferred from the
cooling water to the evaporating water via a coil. The diluted
solution has to be regenerated to recover its ability to absorb
water. An open cycle absorption system is described by LY4f et al.
[25].

A different design of an open absorption-desorption cycle is a
system used for air dehumidification purposes. Both condenser and
evaporator are omitted, and the absorber is constructed in such a way
as to allow the dehumidification of moist air. As early as 1937,
Berestneff [28] outlined the fundamentals of this system. The system
consists of a conditioner chamber, where air is dehumidified, and a
regenerator chamber, where exhaust air takes on water which
evaporates from the diluted solution. Dehumidification systems of
this design are being applied where very dry air is required. This
type of open cycle absorption system is the subject of this study and

js presented in detail in Section 1.4,



1.2 The Regenerator for Open Cycle Absorption Systems

The regenerator or desorber is an important part of any
absorption cycle. The diluted absorbent is reconcentrated in the
regenerator. The absorbent has to be heated to a temperature at
which refrigerant evaporates. The refrigerant is then condensed in
the condenser. In refrigeration applications, the heat of
condensation is rejected to the environment, typically at 25-35°C.
The saturation pressure of water in this temperature range is 3.2-5.6
kPa. The partial pressure of water in air is much lower, e.g., 1.6
kPa for air at 25°C and 50% relative humidity. Therefore, the
application of open regenerators allows Tlower regeneration
temperatures than necessary in closed systems.

The fundamental problem in regenerator design is to create a
large heat and mass transfer surface between 1liquid and vapor
phases. Various designs have been proposed. Among the most simple
are sloped plane-falling film type regenerators. The Russian
research team [26] used a blackened roof as a solar driven
desorber. Solar energy is absorbed by the black surface and the
liquid absorbent in contact with this surface is heated up. Water
evaporates from the solution to the surrounding air. Collier [27]
developed a model for this combined flat plate solar collector
regenerator. However, there are some major problems with this type
of regenerator. Among them are corrosion problems, pollution of the

solution, difficulties in maintaining a stable film of solution and



very limited transfer surfaces. A modification of this combined
solar collector regenerator using a glazed collector was studied by
Howell and Shepherd [30].

Another heat and mass exchanger device used as a regenerator is
the packed bed column. The advantage of packed bed columns is the
large surface of the packing material. Thus, a large heat and mass
transfer area can be obtained if the absorbent is distributed
properly. Leboeuf [29] studied the application of a packed bed
column as a regenerator in an open cycle desiccant cooling system.
The drawback of packed bed columns is a large air stream pressure

drop.

1.3 Conventional Air Conditioning Systems

The main task of air conditioning is to maintain the air in a
space, whether it is a single room or a large building, at a desired
state, i.e., at a certain temperature and humidity ratio. Several
sources contribute to the sensible portion of a space air
conditioning load. Among the most important heat sources are heat
conduction through the building envelope, heat released by the
lighting system, heat released by people and the energy which is
carried into the building with infiltration of air. In addition,
there has to be a controlled exchange of the air inside the space
with fresh air from outside. This air has to be cooled to the room

air state.



The second part of the air conditioning load 1is called the
latent load. It is due to moisture which is released by people and
carried into the building by air infiltration. Furthermore, moist
ventilation air from outside has to be dehumidified before entering
the building.

The Tlatent 1load is generally much smaller than the sensible
load. Nevertheless, it is the cause of the poor overall coefficient
of performance, (COP, defined as energy removed per work expended) in
conventional air conditioning systems. In these systems, the air to
be conditioned is blown through a heat exchanger. Water of typically
4.5 to 9°C is pumped through the heat exchanger piping and cools the
air down to its dewpoint temperature. Part of the water vapor in the
air condenses, releasing its heat of vaporization. This condensation
process is continued until the air reaches the desired humidity
ratio. Finally, the dehumidified but cold air has to be reheated to
the desired room inlet temperature. Although the energy to reheat
the air is generally available from free waste heat, the primary
subcooling needs a lot more energy than a thermodynamically optimal
process. Moreover, the coefficient of performance (COP) of a
chiller, which provides the cooling water, decreases rapidly with
decreasing cooling water temperature.

In Figure 1.1 the process of air dehumidification by
condensation of water vapor is shown. Air of state 1 is cooled down
to its dewpoint and further until it reaches the desired humidity
ratio. This cold air has to be reheated to state 2 before it can be

supplied to the building.
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The difference in enthalpy between air at state 1 and the
dehumidified air is Ai. However, the net enthalpy difference
between the air states 1 and 2 is only the sum of the latent enthalpy
difference Ai]at and the sensible enthalpy difference Aisens' Hence,
the enthalpy difference removed during the dehumidification is much
larger than the enthalpy difference, which would have to be removed

on a direct path from air state 1 to air state 2.

1.4 The Open Cycle Liquid Desiccant System at the Science Museum of
Virginia

A thermodynamically optimal process would cool and dehumidify
the air only to the extent necessary, using cooling water at the
highest temperature possible.  This process can be approached by
splitting up the air conditioning task into sensible cooling and
dehumidification. The sensible cooling can then be accomplished
using cooling water at a higher temperature, e.g., 12 to 16°C. Thus
not only less energy has to be removed from the air stream but also
the chiller operates at a higher COP. The dehumidification is done
by equipment specifically designed for this task.

An open absorption-desorption-cycle using a nontoxic salt
solution (LiCl1 - water) can be employed for the air dehumidification
task. A schematic of the cycle is shown in Figure 1.2. In a
chamber, precooled salt solution flows in countercurrent to the air
stream and absorbs water vapor. The diluted solution is pumped to a

regenerator, heated and brought into contact with an air stream
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returning from the building which then will be exhausted. Water
evaporates from the hot solution and the solution becomes wmore
concentrated. The concentrated solution is cooled, pumped to the
conditioner and the cycle starts over again.

A 1iquid desiccant system as described above is installed at the
Science Museum of Virginia in Richmond, VA, in addition to the
conventional HVAC equipment. Conventional vapor compression machines
and the 1fquid desiccant cycle are combined to a hybrid system. The
design of this system and some performance data were presented by
Meckler [7,8]. In particular, data for the design point are given.
The analysis presented in this paper is based solely on these design
point data since no experimental data were available.

The outdoor air state at the design point is 32.8°C and a
humidity ratio is 0.0177. The desired room air state is 25°C and
0.0093. The states of the liquid desiccant cycle are shown in Figure
3.10.

Besides the equipment of the desiccant cycle, the system of the
Science Museum of Virginia features a number of additional devices.
Two 5000 gallon water tanks are installed as heat storage. A heat
pump can deliver the heat needed for the regeneration of the salt
solution and at the same time meet part of the cooling Toad.
Alternately, a gas cogenerator can produce electricity and
regeneration heat. Furthermore, the installation of solar collectors
may be considered, as adequate space for the collectors exists and

thermal storage is provided in form of the water tanks.
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The whole system is set-up so that it can be operated in various
modes. Meckler [7] reports six modes of operation. The different
modes of operation reflect different ways of providing the heat for
the regeneration of the salt solution. The modes considered in this
study are

1. operation of the heat pump to simultaneously provide
regeneration heat and part of the cooling load ("heat pump"
mode) .

2. operation of the gas cogenerator to provide the regeneration
heat with the cooling load met solely by the chiller ("gas
cogeneration" mode).

3. use of solar energy as regeneration heat source with the
cooling Toad met solely by the chiller ("solar" mode).

4, conventional air conditioning by condensation of excess
moisture ("chiller" mode).

The simulation model of the system and results of steady state
simulations at the design point are presented in Sections 3.3 and
3.4, respectively.

A comparison of the results of the steady state system model
with the data given by Meckler in [7] had been intended. Since both
sets of data were obtained for the design point, they should be
comparable. However, a thorough analysis of the data given by
Meckler revealed some apparent inconsistencies.

The total volume flow rate of conditioned air supplied to the

building is composed of
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19000 SCFM to the main exhibits and Tobby
14000 SCFM to the planetarium

5000 SCFM to lower level exhibits

1000 SCFM to supporting service areas
39000 SCFM total

A volume flow rate of 12000 SCFM comes from the conditioner, so that
27000 SCFM return air has to be mixed with the dehumidified air.
This air is supplied to the building at 66.7°F dry bulb temperature
and 60.3 Gr/1b moisture content (state 9) [7], page 197. The air
returns from the building with a moisture content of 65 Gr/1b (state

6). Thus, this air stream can meet a latent Toad of

. _ 1b dry air ,65 - 60.3, 1b water
Ot = 39000 SCFM0.0765 =273 (=000 ) 16 dry air
Btu  _ -
1061 m = 2125.4 Btu/min 127.5 MBtu/h (1.1)

However, Meckler [7] (page 196) 1lists a load of 172.983 MBtu/h
internal latent load. There is a discrepancy of 26%, which cannot be
explained by round-off errors. However, if state 7 is recalculated

from states 5 and 6

_ 12000 SCFM 42.6 GR/1b + 27000 SCFM 65 Gr/1b

Wy 3000 SCEN = 58,1 Gr/1b  (1.2)

and this corrected state is then used for the calculation of the

latent load
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S 1b dry air ,65 - 58.1, 1b water
1067 —BStY = 187.2 MBtu/h (1.3)

1b water

one arrives at a value of 8% higher than the value given by Meckler.

Another questionable point 1is the coefficient of performance
(COP) given for the vapor compression chiller. In his paper, Meckler
uses a COP based on evaporator heat flow. For chiller operation
between a water leaving temperature of 55°F for the evaporator and
95°F for the condenser, Meckler assumes a COP of 5.2. For operation
between 42°F and 95°F, a COP of 3.0 is assumed. This Tlarge
difference between the two COPs means a large overprediction of the
variation of the chiller COP with variation in the operating
temperatures.

In this study, a model of the vapor compression chiller based on
a Carnot cycle was used. The model accounts for temperature
differences across condenser and evaporator. The effectiveness
coefficient used to reduce the COP of the Carnot cycle to the COP of
the non-ideal chiller was chosen as 0.6. The COP predicted for the
operation between 55°F and 95°F is 5.23 and 4.16 for the operation
between 42°F and 95°F. These COPs seem to be realistic according to
manufacturers data [32]. The model of the vapor compression chiller

is treated in detail in Section 3.2.6.
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CHAPTER 2 THE HEAT AND MASS EXCHANGER MODELS

The conditioner and the regenerator which are installed in the
Museum of Science are basically two-phase contact devices with
simultaneous heat and mass transfer. Thus, both can be described by
the same model.

A model used in a long term simulation 1is evaluated many
times. Therefore, it is necessary that the algorithm of the model
requires the least possible computational expense. A model based on
equilibrium considerations and effectiveness factors was developed
which meets this requirement. A listing of the FORTRAN source code
of the TRNSYS component subroutine can be found in Appendix B.l.

For lack of experimental data, it was necessary to develop a
second, more elaborate model. This model employs a finite step
integration along the heat and mass exchanger. Combining the results
of the two models, it was possible to estimate the variation of the
effectiveness coefficients used in the TRNSYS model with variations

in inlet states.

2.1 Equilibrium Model

Subsequently, a model wusing an equilibrium approach and
effectiveness factors will be described. Assuming an infinitely long
chamber, the equilibrium outlet states of the solution and the air

stream can be determined. By means of heat and mass balances the
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exchanged heat and mass flow rates are calculated. Finally, the
exchanged heat and mass flow rates are corrected for the real chamber
dimensions by multiplication with two effectiveness coefficients, one
each for the mass and heat exchange.

The calculation of the equilibrium outlet states 1is based on

three mass balances, the overall balance

ﬁ's1'+ ﬁ‘ai (1 + w1.) = ﬁ‘so+ mao (1 + wo) (2.1)

the mass balance for the salt

the mass balance for dry air

Mai~ Mao (2.3)
and the overall energy balance
msili+ rha1’11'= msoIo+ Mao'o (2.4)

In addition to these balances, two equilibrium assumptions are

necessary. Table 2.1 shows the possible equilibrium assumptions.
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Equilibrium of temperature Equilibrium of water
vapor pressure

1 at solution inlet at solution inlet

2 at air inlet ' at air inlet

3 at air inlet at solution inlet

4 at solution inlet at air inlet

5 air at outlet saturated at air inlet

6 at air inlet air at outlet saturated
Table 2.1 Proposed pairs of equilibrium assumptions.

Next, it has to be determined, which one out of the six proposed
pairs of equilibria is physically feasible. Four conditions to be
fulfilled by the feasible equilibrium are derived subsequently.

The driving force for the mass transfer is the difference in the
partial pressures of water vapor in the air and above the solution.
Hence the direction of the mass transfer has to be the same as that
of the negative gradient in the partial pressure of water vapor.

Using the relationship [3]

Py
w=0.62198 ——— (2.5)
pamb pw

which, for small water vapor pressures, can be approximated by

Py
w = 0.62198 (2.6)
amb

and defining the exchanged mass flow rate to be positive in the case
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of regeneration, i.e., if water evaporates from the solution into the

air, the first feasibility condition can be formulated as:

mex(w -w) >0 (2.7)

The driving force for heat transfer is not temperature but
enthalpy because there is not only sensible but also latent heat
transferred. At any instant of time, for an arbitrary but small area
of transfer surface (e.g. droplet surface), the heat and mass

transfer can be written as

g, = N AR (W = W) (2.8)

Qex,sens= hhAA (T -t) (2.9)

The exchanged energy flow rate can be split into its sensible and

latent parts,

Qex= Qex,sens * Qex,]at (2.10)
The exchanged latent energy flow rate can be expressed
Qex,]at= hmAA (W - w) i, (2.11)
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so that
Qex=t”]AA (T -1t) + hmAA (W - w) iv (2.12)

By using the Lewis number relationship

h

le = ppt' (2.13)
mp,a
Equation (2.12) can be regrouped to
Qex= hmAA (Le Cp,aT + iv W - (Le Cp,at + 1, w)) (2.14)

Neglecting the enthalpy term for the 1liquid water c, ,t and assuming

p.w

a Lewis number of unity, Equation (2.14) can be expressed as
e *
Qex= hmAA (i -1) (2.15)

where i* denotes the enthalpy of air (at T,W) in temperature and
partial pressure of water vapor equilibrium with the solution.

The fact that the difference of the driving force (i* - i) can
approach zero but cannot switch sign along the heat and mass

exchanger is used as second feasibility condition:

-i,.) >0 (2.16)
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Analogous to the first feasibility condition, the third one can be
stated as

*
Qex(i -i) >0 (2.17)
Finally, the air at its outlet state may not be supersaturated, which
is the fourth feasibility condition.

The last step in the derivation of the model is to account for
the finite size of the heat and mass exchanger. The heat and mass
flow rates obtained from the equilibrium considerations are
multiplied by two effectiveness coefficients, one each for the
sensible heat transfer and for the mass flow rate, respectively. In
analogy to the effectiveness factor approach for heat exchangers, the

effectiveness factors for sensible heat and mass transfer are defined

by
equ
A1sens= Eh‘msens (2.18)
and
Aw = smAwequ (2.19)

A graphic representation of these two definitions is given in Figure
2.1. In the particular case depicted, air leaves an infinitely long

chamber in equilibrium with entering solution. The difference in
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enthalpy at constant humidity ratio between air inlet and outlet
states and the difference in humidity ratio represent the exchanged
sensible heat and mass, respectively. The air outlet state for a
finite size of a heat and mass exchanger is obtained by multiplying
both differences with the appropriate effectiveness factors. The
effectiveness coefficients have to be determined empirically from

experimental data. The fits for the Richmond data are given in Table

2.2.
€ €n
CONDITIONER 0.865 0.908
REGENERATOR 0.907 0.840
Table 2.2 Fitted effectiveness coefficients for the design point

data.

It is of particular interest to know how much the two
effectiveness coefficients vary with variations in the inlet states,
the mass flow rates and, eventually, equipment sizes. Unfortunately,
no experimental data were available. However, studies using the more
elaborate model described in the next section were carried out for
this purpose. Once the dependence of the effectiveness coefficients
on variations in inlet states is known (or estimated), a simple
function using a few parameters (e.g., a spline function) can be
fit. The implementation of this function together with the model
gives a sufficiently precise model requiring minimal computational

expense.
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2.2 Finite Step Integration Model

In the previous section, a simple model for the heat and mass
exchanger was proposed. It was designed to use minimal computational
effort to allow for its application in Tong term simu]ations.
However, as will be shown later it is applicable only in the
neighborhood of its design point. Furthermore, it does not give the
intermediate states inside the chamber.

To overcome these drawbacks, a second model was developed. An
integration along the length of the chamber allows the calculation of
intermediate states. Consider the small element dA in Figure 2.2.
The solution mass flow is entering at point 1 and leaving at point 2,
whereas the counterflow air stream enters at point 2 and Tleaves at
point 1. In this element, a mass flow dm and a heat flow dQ are
exchanged.

The following assumptions are made:

one dimensional flow of both phases,

the liquid phase is sell mised within each element dA,

the gas in immediate contact with the solution is in

thermodynamic equilibrium with the solution,

the heat and mass exchanger is adiabatic.

The overall mass balances for this element can be written as

- dh (2.20)



Figure 2.2
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and
g = maZ (2.21)
Here, m; ¢ constant, since it is the mass flow rate of dry air. In

addition, mass balances can be written for the salt

or,
i
g=¢g — 31 (2.23)
2 7l di
sl
and for the water vapor in the air:
wlma1= wzma2+ dim (2.24)
or, with Equation (2.21)
W=t I (2.25)
Ma2
Furthermore, the two energy balances are
m5212= mslll' dqQ (2.26)
for the solution and
ma11= maiz+ dQ (2.27)

for the air.
As Peng [16] shows, the heat and mass transfer can be assumed
gas-phase controlled. Hence, the transfer equations can be written

as
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dm = hm(w - w) dA (2.28)
and

dQ = h

sens h(T -t) dA (2.29)

where h (units: kg/mz-s) and h, (units: KJ/mz-s-K) are the mass
and heat transfer coefficients, respectively, and dA is the
equivalent transfer area of the element in consideration. Using the

Lewis number relationship

le = (2.30)
mp,a
Equation (2.29) can be written as
dQSenS = thp,aLe (T -t) dA (2.31)

The latent energy transferred in the element can be expressed as

dQ]at= ivdm (2.32)
Finally, the total energy transferred results as the sum of the
transferred latent (2.32) and sensible (2.31) energy contributions

dQ = hm(iv(w-w) + Cp,aLe (T-t)) dA (2.33)
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2.2.1 Implementation in an Algorithm

The heat and mass exchanger employs a counter current flow
scheme. The integration has to be started at either the solution
inlet or the air inlet. In either case, the related outlet state of
the air or solution, respectively, has to be known in advance. Thus,
the algorithm of this model 1is an iterative one, increasing the
computational expense considerably. A routine of the MINPACK [10]
package, developed at Argonne National Laboratories, was applied to
search for the outlet states which minimize the weighted square error

between the computed and the given inlet states:

A2 ~ 2
MINIMIZE [(t = ty 4 (M=) ] (2.34)

This algorithm turned out to be very robust with respect to bad
guesses as long as inlet and outlet states at the starting point of
the integration were not too close together. In this case, it was
necessary to start the integration at the other end of the chamber.

The integration was carried out by means of a fourth-order
Runge-Kutta algorithm [11]. The stepsize chosen had to be small to
avoid that the assumption of constant solution (T,W) and air (t,w)
states over each element dA did not cause erroneous results.
Typically, 200 elements were needed.

In Figures 2.3 through 2.6, the results of the finite step
integration model are presented. Figure 2.3 shows the states of air

and solution along their path through the heat and mass exchanger for



_ _ -0.015

O Air inlat
X Air outlat
Gl Solution inlat
+ Solution outlat

L 0. 010
X

AR
NAUANRS

/

| e I B e RRmm e [ 0. 005
16 17 18 19 20 21 22 23 24 25 26
TEMPERATURE (¢°0C)

Figure 2.3 Paths of air and solution states in heat and
mass exchanger, conditioner design point

HUMIDITY RATIO

9¢



e

O Air inlat
X Air ocutlat

C Solution inlat
4+ Solution outlat

lllllllll

18 19 2

0 21

LI LA

TEMPERATURE (O

Figure 2.4

llllllll

22 23 24 25 26

Paths of air and solution states in heat and

mass exchanger, conditioner point, large
transfer area

0. 015

0 005

HUMIDITY RATIO

L2



O Air inlat "

X Air outlat

-0. 030

B Solution inlat
4+ Solution outlat

- 0. 025

0. 020

0. 015

HUMIDITY RATIO

£ 0. 010

————+ 0. 005

35

v LA v LJ v L} J L L Ll L] v L v

40
TEMPERATURE (O

45

Figure 2.5 Paths of air and solution states in heat and
mass exchanger, regenerator design point

8¢



O Air inlat |
X Air outlat

] Solution inlat
4+ Solution outlat

-0. 030

0. 025

o
.-
;0. 020
s >
-
;0.0152
; >

)

I

—,__;——‘s”””’——’——z0.010

40
TEMPERATURE (<O

Figure 2.6 Paths of air and solution sates in heat and
mass exchanger, large transfer area

L 0. 005
45

6¢



30

the Richmond conditioner data. For very large transfer areas, the
air leaves 1in equilibrium with the entering solution as shown in
Figure 2.4. Figures 2.5 and 2.6 are the corresponding figures for

the given Richmond generator data.

2.2.2 Determination of the Heat and Mass Transfer Coefficients and
the Area

There are still two parameters to be determined: the product of
the heat transfer coefficient and area hyA and the product of the
mass transfer coefficient and area hmA. As shown in Equation (2.30),
the heat transfer coefficient can be replaced by the mass transfer
coefficient and the Lewis number. These two parameters represent the
degree of freedom of the system. For given inlet states, only one
outlet state is free to vary, whereas the second outlet state is
determined by the overall mass and energy balances. For given data,
the two parameters can be fitted so that the model reproduces one
given or measured outlet state.

For the two design points, one each for the conditioner and the
regenerator, which are available for the heat and mass exchanger
units of the Science Museum of Virginia, the values for the

parameters are given in Table 2.3.

Conditioner Regenerator
hpA 22 6.9
Le 1.2 2.2

Table 2.3 Fitted Parameters
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A correlation can be found to include the dependence of the mass
transfer coefficient on the air temperature. Ranz and Marshall [12]
proposed, for the evaporation of water from droplets, the

dimensionless relations:

1/3 ,.1/2

Nu = 2.0 + 0.6 Pr Re (2.35)
and
Sh = 2.0 + 0.6 Sc}/%Rel/? (2.36)
where the Reynolds number is defined by
Re = YdP (2.37)
u
the Prandtl number
=2
and the Schmidt number
Sc = Le Pr (2.39)

From a force balance for a sphere, its terminal velocity can be

determined as
p
V=q/F o S d (2.40)

and the Reynold number becomes
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4 gpspad3CD
Re = -3-———?——— (2.41)

Combining Equations (2.36), (2.38), (2.39) and (2.41) and the

definition of the Sherwood number
Sh = T (2.42)

the mass transfer coefficient can be found as

—_—

1 11
+0.6450p " Le o g Cp'e fdt u® (2.43)

|

N

~l—=
ol
o

_ -1
hm- 2.0p aD d

Air property correlations are readily available in reference
[2]. Threlkeld [5] shows the Lewis number as a function of the mean
temperature between a wetted surface and an air stream (Figure
2.7). The Lewis number exhibits a very small dependence on the mean
temperature over the range of conditions encountered in this 1liquid

desiccant system.

The equivalent mean droplet diameter, d, is heavily dependent on
the droplet size distribution, which is not easily measured. The
equivalent mean droplet diameter is kept here as a parameter. Hence
the mass transfer coefficient has been replaced with another
parameter yielding its variation with the mean temperature. In

Figure 2.8 the mass transfer coefficient is plotted as a function of
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the mean temperature for various equivalent mean droplet diameters.
It is a strong function of the mean droplet diameter, but only a weak
function of the temperature. A mean droplet diameter of 107 s

assumed in this study.

2.3 Comparison Of The Two Models

For lack of experimental data it was not possible to verify
either of the models presented in the previous section. In
particular, it was not possible to determine the variations of the
effectiveness factors used in the simple model with varying inlet
states. However, a comparison of the two models allowed for a first
estimation of those variations.

Two parameters considered to be the most important ones, i.e.,
the solution inlet temperature and the air mass flow rate, were
chosen for the comparison. The solution temperature was the only
inlet state which varied in the simulation studies and was hence of
particular interest. It was varied 5°C around the design point of
17.94°C for the conditioner and +12.5°C and -7.5°C around the design
point of 47.5°C for the regenerator.

The solution and air outlet states were calculated by means of
the finite difference model. Subsequently, the effectiveness
coefficients for the equilibrium model were fitted to those outlet
states. The fitted coefficients plotted versus the solution inlet

temperature are shown in Figure 2.9. The errors in the predicted
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transfer rates when the effectiveness coefficients are kept constant
(Table 2.2) are presented in Figure 2.10 Within a range of 15°C
around the design point, the errors are less than 5 percent.

The second parameter studied is the mass flow rate ratio. Again
the solution and air outlet states were computed by means of the
finite difference model. The effectiveness coefficients were then
fitted to these outlet states. As can be seen from Figure 2.11, the
variations in the effectiveness coefficients are much larger but
still follow a similar pattern. In contrast to the variation in the
solution inlet temperature, the errors in the transfer rates holding
the effectiveness factors constant are much larger (Figure 2.12).

Finally, it was studied whether it is possible to predict the
effectiveness coefficients using a €-NTU approach similar to the one
used in heat exchanger design (Kays and London [6]). The capacity

rates for heat transfer are given by

s i .

Ch,a' ﬁla 5?1 i macp,a (2.44)
and

- B ol _ .

Ch,s’ g §T11" mscp,s (2.45)

Analogously, the capacity rates for the mass transfer can be written

as:

5 .
Co o= 5 (ow)|,= (2.46)
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since MW is the mass flow rate of water carried by the air, and

Cp o= 3 ((1€) )= ~fg %%,1 (2.47)
Since the humidity ratio of air (W) in equilibrium with solution at
(T, &) can be calculated via the water vapor pressure correlation, the
differential 9&/3W can be evaluated. A1l capacity rates are
calculable only for the inlet states because the outlet states are
not yet determined.

The number of transfer units NTU can be determined from

h A h LeC A
NTU = & .. m P2 (2.48)
h,min h,min
and
hmA
NTU = —— (2.49)
m,min

For h, and Le, the fits obtained from the finite difference model,
were used (Table 2.3).
Finally, the e-NTU relationship for countercurrent flow (as

given, for example, by Kays and London [5])
1 - exp (-NTU (1 - Cmin/cmax))

€ = (2.50)
T-(C__7C Y exp (-NTU (1 -C T

))

max

can be used to obtain estimates of the effectiveness coefficients.

C . and Cma

min are the appropriate smaller and larger capacity rates

X

respectively. Values for the effectiveness factors obtained from
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this procedure and the one using fits to reproduce results from the
finite difference model are shown in Figures 2.13 and 2.14. Although
each set of two corresponding curves have similar shapes, their
values are quite different. Hence, it seems to be more promising to

use a curve fit.
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CHAPTER 3 SYSTEM SIMULATION

The transient simulation program TRNSYS [9] was chosen for the
system simulation. The modular structure of TRNSYS allows the
combination of existing component models and those provided by the
user. The standard component 1library of TRNSYS contains over 50
modules. Nevertheless, it was necessary to develop new components.
Most of the new components were developed for this particular
application. These components are described in Section 3.2

The simulation involves a number of flows of moist air and of
salt solution. The knowledge of the physical properties of these two
mixtures is essential for the execution of the simulation. Therefore
it was necessary to develop functions which allow the calculation of
physical properties such as enthalpy and water vapor pressure. Such
property functions were prepared for air-water vapor mixtures and
LiBr-water and LiCl-water solutions and are presented in Section 3.1.

In Section 3.3 the simulation model of the HVAC equipment,
including the desiccant cycle installed at the Science Museum of
Virginia, is described. Simplifications and assumptions made during
the process of modeling are stated. The results of a simulation
using this model are compared with the data given for the design
point.

Finally, results of simulation runs with varying system
parameters are presented and analyzed in Section 3.4. In addition,
predicted hourly costs of operation for various modes of operation

are discussed.
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3.1 Physical Property Functions

3.1.1 Air-water vapor mixtures
A function for the enthalpy of moist air can be written as
) (3.1)

o bowli o+ i
i at w(i i

Cp, v o w,liq

where i is the specific enthalpy of moist air in kd/kg dry air. The
specific heat capacity of air is 1.003 kd/kg-°C. The enthalpy of
liquid water and the enthalpy of vaporization are functions of water

temperature. These functions were obtained as

. _ kd kdJ

]W,]'iq_ -1145.7 'rg- + 4,194 -E—g' T (3.2)
. kdJ kdJ
i,= 3182.1 kg " 2.48 Kok T (3.3)

The coefficients were fitted to data given in [22]. A function for

the saturation pressure was found as

Tog, p°2% = 10.094 - 1632.6 K T - 99377.5 K T—é for T > 275K (3.4)
sat _ 1 2 1
10909 = 11160 - 1966.8 K T - 88060.9 K* 3 for T < 275 (3.5)

The same reference gives a relation between water vapor pressure and

humidity ratio
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P
W= 0.622 p—p (3.6)
amb w

3.1.2 Lithjum Bromide-Water Solutions

Correlations for the enthalpy of and the partial pressure of
water vapor above LiBr-water solutions as functions of solution
temperature and concentration are given in the ASHRAE Handbook of
Fundamentals [3]. These correlations were implemented. Note, that
the coefficients Ag and B3 for the vapor pressure correlation in SI
units on page 17.142 [3] are missing. Both coefficients can be found
from the correlation in English units on page 17.72 as

Ay = 1.97668 107 (3.7)

By = -7.9509 1074 (3.8)
To enable the alternate use of both the correlation for LiBr-water
solutions and the one for LiCl-water solutions, the corresponding

functions were given the same name.

3.1.3 Lithium Chloride-Water Solutions

3.1.3.1 Water Vapor Pressure

Data for the water vapor pressure above a LiCl-water solution
were given by Johnson & Molstad [17] for 30, 50 and 70°C, in the CRC
Handbook [24] for 100°C and in the Gmehlin Handbook [23] for 18°C and
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25°C solution temperature. All these data were curve-fitted to the
same function as used in the ASHRAE Handbook of Fundamentals [3] for

LiBr-water solutions

T= A(T - 273.15) + B + 273.15 (3.9)
where
A = 1.000 - 0.13282+ 4.822 1072¢ 2= 0.5076E° (3.10)
and
B = -0.4383 + 18.14E - 224,562 + 123.2¢° (3.11)

T, 1s the temperature in Kelvin at which pure water has the same

vapor pressure as solution of concentration € at the temperature TS.

3.1.3.2 Enthalpy of Lithium Chloride-Water Solutions
The enthalpy of a solution can be written as

1 =178 4+ Al ¢ _dt (3.12)

t
s,e+ { p,S
ref

where 17T is an arbitrary reference enthalpy, Alg o is the integral
heat of solution at the reference temperature and ,s is the
specific heat capacity of the solution. Data for the integral heat
of solution at 25°C can be found in [19]. These data were curve-

fitted to a fourth order polynomial in concentration
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Al = -0.8759 - 839.9¢ - 61.54£2+ 1978.65° [XY

e (kg (3.13)

A correlation for the specific heat capacity was introduced by Uemura
[20]. Since this correlation is a polynomial, it can be integrated
analytically. The reference enthalpy Iref was chosen as 104.75
kJ/kg, so that the enthalpy of the solution at 0% concentration (pure
water) and 0°C is 0 kd/kg.

3.2 TRNSYS Component Models

Most of the existing TRNSYS components are designed to handle
only two flow variables, i.e., temperature and mass flow rate.
However, in this simulation almost all of the flow streams have a
third flow variable associated with them. This third flow variable
is the humidity ratio (w) for air streams or the salt concentration
(€) in the case of salt solution streams. Only cooling or heating
water streams can be described by two flow variables. Thus most of
the components used in this simulation had to be developed. The
newly designed components do not include their own property functions
but call the standardized property functions described in Section
3.1. Information flow diagrams similar to those in the TRNSYS manual
[9] are shown for each component description. Listings of the
FORTRAN source code of all TRNSYS components presented in the

following sections can be found in Appendix B.
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3.2.1 The Heat and Mass Exchanger Model

The model based on an equilibrium approach and effectiveness
coefficients was implemented as a TRNSYS component subroutine. The
theory of the heat and mass exchanger was presented in Section 2.1.
The results of the comparison of the two models (Section 2.3) were
used to obtain functions for the effectiveness coefficients as a

function of the solution inlet temperature for the regenerator

€ = 0.217 + 2.98 1077~ 3.22 10772 (3.14)
) -3 52

e = 0.853 + 3.91 1077~ 9.52 107°T, (3.15)

and for the conditioner

) -2 3.2

e = 0.368 + 6.72 107°T,~ 2.19 107°T, (3.16)
) -2 4 2

e = 0.829 + 1.06 107°T,- 3.35 107'T, (3.17)

The TRNSYS model contains all proposed pairs of equilibria. However,
only the first pair, i.e., the equilibrium at the solution inlet
(Table 2.1) occurs when using the data for the Science Museum of
Virginia. The information flow diagram of the heat and mass

exchanger is shown in Figure 3.1.
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3.2.2 The Heat and Mass Exchanger Sump Model

Although the heat and mass exchanger and its sump are physically
one device, they were modeled separately, since they have different
characteristics. The heat and mass exchanger by itself is a heat and
mass transfer device with negligible capacitance, whereas the sump
has basically both heat and mass capacitance.

Two solution streams flow into the sump; a large one coming from
the spray chamber and a small one coming from the second sump through
the solution interchanger. A pump draws a constant volume flow rate
from the sump. This leaving solution stream is split into a large
stream recycled to the spray chamber and a small one which is pumped
through the solution interchanger to the second sump.

The sump has a very small time constant, i.e., it has a small
mass capacity compared with the mass flow rate. However, it was
necessary to include this model into the simulation. The method of
successive substitution used in TRNSYS does not always guarantee
convergence. Without the sump model, convergence was not achieved.
Due to the small time constant the sump can be considered well
mixed. With this assumption, the overall mass balance can be written

as

dm
S - o - °
—d—t—-ZmS_i mso (3.18)
The salt balance
d msalt
—=22 " =T E- & (3.19)

S1°1 SO
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with
m
g - -2alt (3.20)
S

and the energy balance

d (m.I)

s ' _ .
—g— =L Ii- (3.21)

complete the sump model. The three differential equations are solved
by the differential equation solving routine implemented in TRNSYS
[9]. Figure 3.2 shows the information flow diagram of the heat and

mass exchanger sump.

3.2.3 The Heat Exchanger Model

The heat exchanger model in TRNSYS [9] was modified to allow for
a third flow variable. The assumption of constant heat capacity is
not valid for solutions with varying salt concentrations. The
appropriate parameters were replaced by an integer code to indicate
the type of fluid. On each call of the component, the heat
capacities of both flow streams are evaluated as a function of the
third flow variable. In the case of pure water or glycol-water
solution, the heat capacities are assumed constant at 4.19 kJ/kg-°C
and 3.8 kJ/kg-°C, respectively. The information flow diagram of the

heat exchanger is shown in Figure 3.3.
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3.2.4 The Air Mixer Model
The adiabatic mixing of two air streams can be described by
three balances; one mass balance each for dry air and for water, and

an energy balance [3]. The mass balance for dry air is

Mao~ Mail* Mai2 (3.22)
the mass balance for water is
Myo¥o™ Mail%il* Maiz%i2 (3.23)
and the energy balance is
Maolo™ Mailli1* Mai2’i2 (3.24)

Figure 3.4 shows the information flow diagram of the adiabatic air

mixer.

3.2.5 The Fan Model
The fan model was developed to include the increase of the air

enthalpy due to a fan. The energy balance

fod =i+ P (3.25)
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allows to calculate the air outlet temperature. Here it is assumed
that all work goes into the increase of air enthalpy. The

information flow diagram of the fan is shown in Figure 3.5.

3.2.6 The Vapor Compression Heat Pump Model

Manufacturers data [31] for the heat pump installed at the
Science Museum were used for a steady state model. The given data
for the electric power consumption and heating coefficient of
performance (COP) as functions of the temperature of the water
leaving the evaporator and the temperature of the water leaving the

condenser were curve-fitted

4 2

P =49.14 - 0.2237 T + 2.095 101 2 _ 0.2380 T
elt C,0 c,0 e,0
+2.176 10741 %4 4.942 T T [kW]
° e,0 ¢ c,0 €,0
(3.26)
) 3 4. 2
COP = 0.2789 - 3.341 107> T_ +2.095 107" T %+ 0.0136 T,
+1.580 1081 2_-7.08610%T T
e,0 c,0 e,0
(3.27)

It is assumed, that the heat pump always delivers hot water at

the desired set point, so that

Qc= mccp,w

(T ) (3.28)

=T .
C,0 C,i
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The electric power consumption was allowed to fluctuate, so that

Q
Pe1t™ TOP (3.29)

Approximately 8% of the electric power is Tlost to the surroundings,
so that

Q= Py (COP - 0.92) (3.30)

e
The model has an iterative nature, since the COP is given as function
of outlet temperatures. The MINPACK routine HYBRD1 [10] was used to
promote convergence. Figure 3.6 shows the information flow diagram

of the vapor compression heat pump.

3.2.7 The Vapor Compression Chiller Model

The manufacturer of the vapor compression chiller installed at
the Science Museum of Virginia supplies performance data only for a
range of water temperatures at the outlet of the evaporator up to
50°F [32]. Since the chiller is controlled to supply chilled water
at 55°F, it was necessary to extrapolate the data provided.

The model is based on the efficiency of a reversible Carnot

engine which is defined as

n=b -.c¢ ¢ (3.31)
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The coefficient of performance of cooling is defined by
COP = 32 (3.32)

The COP of reversible Carnot engine can be expressed in terms of the

Carnot efficiency

1-n

cop™eY = 2= (3.33)
or, in terms of condenser and evaporator temperatures
r Te
copr® - & (3.34)
T-T
c e

Accounting for the temperature difference between the water leaving
condenser and evaporator and the condensation and evaporation
temperature of the refrigerant, Equation (3.34) can be rewritten as

T, . = AT

op"eY = €.0 3.35
cop (T oF 817 = (T o BT (3.35)

The temperature difference AT was chosen as 5°C.
Finally the COP of the irreversible chiller can be found by

using an effectiveness factor approach

COP = ecgp cop eV (3.36)
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The effectiveness factor was taken as 0.60 to reproduce the COP of
5.2 for a chiller operation between 55°F evaporator Tleaving
temperature and 95°F condenser Tleaving temperature as given by
Meckler [7]. For an operation between 42°F and 95°F, the model
predicts a COP of 4.16 which is in agreement with the manufacturer's
data [32].

It is assumed, that the chiller always provides chilled water at

its setpoint, so that

Q= mccp,w(Tei' Teo,set) (3.37)
Qg
Pe1t™ TOP (3.38)
and
Q.= (1+COP) P, (3.39)

The condenser heat is rejected to the environment via a cooling
tower. The information flow diagram of the vapor compression chiller

is shown in Figure 3.7.
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3.2.8 The Proportional Integral Controller

The proportional integral controller was used to maintain the
solution volume of the conditioner sump at a constant value (2 m3).
The controller "measured" the sump volume and acted upon the valve
which splits up the solution flow rate leaving the sump into the flow
which is recycled to the conditioner and the flow which is pumped to
the regenerator sump.

A single input, single output (SISO) proportional integral
controller was implemented in a quasi-discrete velocity form

e 1= Klle- e_y) * 7 &) (3.40)
i

where

1}
-

]
—<

e ™ Y Vset (3.41)
and K is the controller gain, T, the integral time constant and At
the simulation time step. At any time step k the controller output
is up_1 which was calculated at the previous time step k-1 from the
controller error ey _j. To avoid unrealistic controller action, it is
limited between its wupper and lower limits, U, and  Upios
respectively. Figure 3.8 shows the information flow diagram of the

proportional integral control.
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Figure 3.8 Information flow diagram for the TRNSYS
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Figure 3.9 Information flow diagram for the TRNSYS

component "load"
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3.2.9 The Load Model

The load model is not really a model of a load but a routine to
calculate the sensible and latent load which could be met given the
air inlet state and the desired room air state. The loads, which

could be met are

Q = (i- i) (3.42)
Q]at= ma(wo- wi) iv (3.43)

and
6sens= qQ - 61at (3.44)

The air outlet state is set to the desired room air state which was
25.0 °C and 0.0093 humidity ratio for the simulation in Section
3.3. The information flow diagram of the load model 1is shown in

Figure 3.9.
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3.3 The System Simulation Model

A TRNSYS deck was set up including the dehumidification cycle
and major parts of the HVAC equipment installed at the Science Museum
of Virginia in Richmond, VA. A listing of the TRNSYS deck is given
in Appendix C.

The model of the desiccant cycle was designed closely to the
installed equipment. The solution mass flow rate pumped out of the
regenerator sump is split up between the flow to the conditioner sump
and the recycled flow to the regenerator at a constant ratio of
0.063. The split ratio of the stream leaving the conditioner sump is
controlled by a PI controller so as to maintain a constant solution
sump level, i.e., constant solution volume in the conditioner sump.

The heat pump 1is controlled to the set point of the water
leaving the condenser. The cooling water flow through the evaporator
is controlled to the set point of the water leaving the evaporator.
The remaining cooling water flow is pumped to the chiller, which
returns it at the cooling water set point temperature.

It was assumed, that the chiller rejects its condenser heat at
95°F and the cooling tower returns water at 85°F. A cooling tower
model was not included. Furthermore, the predehumidification coil
was not modeled either. For the design point, an air stream of 3.35
kg/s (6000 SCFM) entering at 32.8°C and a humidity ratio of 0.0177 is
cooled and dehumidified to 21.1°C and a humidity ratio of 0.0143,
thereby releasing 69 kW of heat. This 1load is taken up by the

chiller, with a corresponding chiller electricity demand.
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The existing three air handling units were Tumped together as
one supply fan, which was modeled without the cooling coil. However,
the knowledge of the sensible load and the desired room air state
allows the calculation of the cooling coil load. Knowing the cooling
coil load and the chiller COP, the chiller electricity demand due to
sensible cooling can be readily calculated.

In Figures 3.10 and 3.11, the dehumidification cycle is shown
for the states given at the design point and at those predicted by
the TRNSYS simulation. Almost all states are equal or very close.
It is concluded that the TRNSYS model of the system predicts the
system performance and almost all system states satisfactorily.
However, the comparison is possible only with the design data, since

no experimental data are yet available.

3.4 Results of Steady State Simulations

A number of simulation runs were executed to study the influence
of variations in selected variables on the system performance. The
results were analyzed to predict the hourly cost of operation of
various modes of operation. The analysis 1is based on the data
available for the design point as described in Section 1.4.

Five parameters were varied during the study. Two of these five
parameters are of operational nature, i.e., it is probably possible
to change these parameters during system operation without alteration

of the equipment. These two parameters are the temperatures, at
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which cooling water is supplied to the solution cooler and at which
hot water is supplied to the solution heater of the desiccant cycle.

The other three parameters were fixed at the design stage.
These parameters are the overall heat conductance-area products of
the solution cooler and heater and the effectiveness of the heat
recovery loop heat exchanger. The study of these parameters yields
interesting information on the consequences of the actual design.

The total internal load was assumed to be 178.8 kW, of which one
fourth or 44.7 kW is latent load. The outdoor air state was given as
32.8°C temperature and 0.0177 humidity ratio. The desired room air
state is 25°C and a humidity ratio of 0.0093.

The total 1load on the chiller 1is composed of the heat
transferred in the predehumidification coil (69 kW constant), the
part of the cooling load of the desiccant cycle which is not met by
the heat pump and the total sensible cooling load. The total
sensible cooling load is the sum of the internal sensible load and
the additional sensible load due to the conditioner. The sensible
load due to the conditioner can be either positive or negative,
dependent on whether the air leaving the conditioner is warmer or
colder than the desired supply air state. In the operation modes

“solar energy" and "“gas cogenerator", the heat pump is not
operating. Thus, the chiller has to provide the total cooling load
of the desiccant cycle.

It was assumed that the gas cogenerator converts one third of

the energy supplied from gas to electricity. Another third is
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utilizabile heat and the last third is lost to the surroundings.
The analysis was carried out assuming the price for electric

energy was $0.06 per kW-hr. For the mode '"gas cogenerator"
electricity to gas price ratios of two and three, i.e., gas energy
prices of $0.03 per kW-hr and $0.02 per kW-hr were studied.
Furthermore, it is assumed that solar energy could be provided
at no extra cost. For a gas price of $0.02 per kW-hr, the gas
cogeneration produces virtually free heat since it produces a dollars
worth of electricity with each dollar spent for gas. This means,
that the cost of operation for the mode "gas operation" and an
electricity to gas price ratio of three is equal to the cost of

operation using free solar energy.

The following fan electrical Toads were taken into account:

Supply fans 36.8 kW
Return fan 23.0 kW
Conditioner supply fan 7.5 kW
Regenerator supply fan 2.9 kW
Total 70.2 kW

The electrical load consumptions of the pumps were

Chiller pumps 13.4 kW
Solution pumps 2 X 2.25 kW
Heat recovery loop pump 0.75 kW

Total 18.65 kW
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From the data in [7] it was concluded that in addition to the chiller
the cooling tower fan and pump consume another 12% of the chiller
electricity consumption.

For the purpose of comparison, the cost of operation for a
conventional air conditioning system was estimated. To meet the
load, the air supplied to the building has to be at 19.0°C and 0.0085
humidity ratio. The air has to be cooled to 11.6°C to remove the
moisture in excess of the humidity ratio of 0.0085. As for the
existing system 85% return air (18.8 kg/s or 33000 SCFM) and 15%
outside air (3.3 kg/s or 6000 SCFM) are mixed. This air flow rate of
22.1 kg/s is at 27.1 °C and 0.01059 humidity ratio. The supply fans
add 33 kW, raisfng the temperature to 28.6°C. The heat to be
exchanged in the coils is 498.6 kW. The chiller is operating at
5.6°C (42°F) evaporator leaving temperature with a COP of 4.16. Thus

the total energy demand for the conventional system is composed of

Chiller 119.9 kW
Cooling tower 14.6 kW
Chiller pumps 13.4 kW
Supply fans 36.8 kW
Return fan 23.0 kW
Total 207.7 kW

at 0.06 $/kW-hr 12.46 $/hr
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It was assumed that the energy to reheat the air stream from 11.6°C
to 19.0°C is available for free from the chiller condenser. The
value of 12.46 $/hr is plotted in Figures 3.12 through 3.16 as a

straight line and is not a function of any of the parameters.

3.4.1 Variations in the Cooling Water Supply Temperature

The temperature at which cooling water 1is supplied to the
solution cooler directly determines the solution temperature at the
conditioner inlet. It thereby influences the dehumidification and
cooling capacity of the solution. At the design point, the cooling
water sup